Increasing demands for high-performance handling of fluids in oil and gas as well as other applications require improvements of efficiency and reliability of screw pumps. Rotor profile plays the key role in the performance of such machines. This paper analyses difference in performance of 2-3 lobe combination of twin-screw pumps with different rotor profiles. A-type profile formed of involute-cycloid curves and D-type formed of cycloid curves are typical representatives for 2-3 type screw pumps. The investigation is performed by use of a full 3-D computational fluid dynamics analysis based on a single-domain structured moving mesh obtained by novel grid generation procedure. The real-time mass flow rate, rotor torque, pressure distribution and velocity field were obtained from 3D computational fluid dynamics calculations. The performance curves were produced for variable rotation speeds and variable discharge pressures. The computational fluid dynamics model was validated by comparing the simulation results of the A-type pump with the experimental data. In order to get the performance characteristics of D-type profile, two rotors with D-type profile were designed. The first has the same displacement volume as A-type while the second has the same lead and rotor length as A-type but different displacement volume. The comparison of results obtained with two rotor profiles gave an insight on the advantages and disadvantages of each of them.
Introduction
Twin-screw pumps are positive displacement machines widely used in petrochemical, shipping, energy and food industries due to their reliability and excellent performance in single phase or multiphase operation. Typical arrangement of a twinscrew multiphase pump is given in Figure 1 , showing rotors synchronised by timing gears and enclosed in the casing. Increasing demands for high-performance screw pumps require continuous improvements of pump designs to achieve better performance with higher reliability. Among the factors that influence the performance of screw pumps, rotor profile plays a vital role. Different rotor profile brings different performance characteristics. Recent developments in manufacturing technologies allow accurate production of rotors with complex rotor profiles.
The rotor profiles of multiphase screw pumps are usually different than the rotor profiles of screw compressors even though these machines are similar in configuration. First, the working fluid for pumps is either liquid or multiphase fluid consisting mainly of liquid and relatively small amount of gas, contrary to screw compressors. Therefore, the working process in a pump usually does not include internal compression of gas and consequently screw pumps operate at almost constant temperature. As a consequence, inlet and outlet ports are different. The inlet and outlet ports in screw pumps are usually designed as an open type for easier suction and discharge.
Rotor profiles for screw pumps are mainly composed of arcs which could be involute, cycloid or circular, as shown in four different types of screw pump profiles in Figure 2 . Optimal rotor profiles will be different for different working conditions. The main constraints which need to be considered during the designing process of a screw pump profile are:
. The rotor profile should satisfy meshing conditions during the working process with conjugate motion and without undercutting. 1, 2 . The rotor profile should have good sealing property with as small as possible blowhole, and short and continuous contact line. . The rotor profile should have large flow area to ensure as large as possible mass flow rate. . The carryover of the designed profile which is the area between two rotors in the default position (shown in Figure 2 ) should be as small as possible. . The rotor profiles should be relatively easy to produce with as low as possible manufacturing costs. Research work on rotor profile design and performance calculation of multiphase twin-screw pumps was reported in many previous studies. The number of literature resources is large and therefore just the most relevant are listed below.
Ozf et al 3 introduced the generation and analysis of four typical rotor profiles for marine screw pumps, which are mainly composed of involute and cycloid curves. They mentioned that even though the involute-cycloid screw pumps may not be as volumetrically efficient as cycloid screw pumps, they have higher reliability during operation. Li and Nie et al. 4, 5 discussed systematically the structure, rotor profiles generation and performance calculation of different screw pump profiles and optimised some of the profiles to achieve better sealing. Cao et al. 6 proposed calculation models for the back flow and pressure distribution within the multiphase twin-screw pump and also simulated the thermodynamic performance of the pump with different gas volume fractions. Tang andZhang 7 modelled the screw pump by use of computational fluid dynamics (CFD) static mesh and proposed improvements to a leakage model for twin-screw pump. In addition, they optimised some rotor profiles. Litvin et al. 1, 8, 9 proposed the rotor profile generation method of roots blower and cycloidal pump based on gearing theory. Stosic et al. 10 applied the rack generation profiling of screw compressor to vacuum and multiphase screw pumps. They reviewed several typical rotor profiles for screw pumps using thermodynamic chamber model. Hiseh et al. 11 investigated the opportunities for producing rotor profiles of claw-type screw vacuum pump by the theory of gearing and undercutting, and analysed the gas sealing property claimed in some patents on screw rotorrotor profiles. Wei 12 discussed the rotor profile design of twin-screw kneader and simulated the flow field based on CFD by the use of a static grid. Rabiger 13 proposed a model for screw pump and carried out the numerical and experimental analysis of the performance of the pump under very high gas volume fractions (90-99%). He also conducted an experiment to visualise the leakage flow in radial clearances. 14 For improvements in the design of screw pumps, full understanding of process within the pump is required. To date, most of the models for their performance analysis are based on the thermodynamic chamber mathematical models which neglect kinetic energy and simplify the analysis of the main and leakage flows. Chamber models can predict integral performance of screw pumps relatively accurately but are not capable of analysing flows through ports and taking into account 3D effects within the working domains.
Similarly, CFD models which use static mesh of moving flow domains to evaluate leakages are useful but do not account for dynamic effects and performance. Due to the limitation of CFD simulation using static mesh, some important parameters cannot be obtained, such as the mass flow rate, rotor torque and pressure fluctuation.
Breakthrough in using CFD for analysis of positive displacement screw machines was made by Kovacevic et al. 15 who generated a structured moving mesh for screw compressor rotor based on a rack generation method proposed by Stosic et al. 2 This pioneering work in grid generation for screw machines allowed for the CFD simulation and performance prediction of screw compressors. This method provided a powerful basis for research of screw pumps.
In this paper, the unique grid generation software SCORG is used for grid generation of a structured moving mesh around screw pump rotors. The mesh of stationary domains such as ports and pipes is generated by use of a commercial grid generator built into the computational continuum mechanics (CCM) solver STAR-CCMþ. Handling of the mesh generated by SCORG in STAR-CCMþ solver is managed by use of the UDF made specially for handling conformal rotor mesh and it will be described later in the paper.
The objective of this paper is to analyse the difference in performance of 2-3 lobe combination of a twin-screw pumps with different rotor profiles by use of 3D CFD.
Rotor profile generation for twin-screw pumps

Meshing equation
A screw pump rotor profile should satisfy the meshing principle by which the profiles of two rotors need to be conjugate without undercutting each other. Figure 3 shows the coordinate systems for derivation of conjugate rotor profiles.
The envelope equation of conjugate meshing of P 2 can be written as follows According to the theory of gearing, 1 the conditions of rotor not undercutting can be written as follows
Generation of rotor profile
The rotor profiles of screw pumps are composed of several pieces of arcs, such as epitrochoid, involute, cycloid or circular arc. Figure 4 shows the generation process of an epitrochoid curve.
Circle II with radius r 2 rolls on the edge of a fix circle I with radius r 1 , and the locus of point a will be the epicycloid abM. According to the coordinate system in Figure 4 , the coordinates of point M on this epicycloid can be described as follows
The polar radius 1 ¼ O 1 M can be obtained by the following equation
The polar angle 1 of O 1 M can be calculated from the following equation Figure 5 shows the generation an involute curve of a base circle with a radius r 01 .
The coordinates of the point on this involute can be written as follows
For point N, the polar radius can be expressed as equation (8) 
The polar angle can be expressed as equation (9) x ¼ tan x À x ð9Þ From the derivation, it can be obtained that
The locus of a point b 0 attached to a circle of radius r 02 rolling around the outside of a fixed circle of radius r 1 will be the epitrochoid b 0 cd ( Figure 6 ). The coordinates of points on b 0 cd can be expressed as
By this equation, the polar angle and polar radius of points on b 0 cd can be obtained by the following equations
According to the above equations, the rotor profile of screw pump can be designed and calculated.
Involute-cycloid rotor profile -A-type
The rotor profile in this twin-screw pump (see Figure 7 ) is composed of cycloid and involute curves. The involute-cycloid rotor profile called Atype Profile is generated by modification of a cycloid rotor profile. The aim of this modification is to increase the flow area and consequently improve performance.
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Cycloid rotor profile -D-type Figure 8 shows the generation of D-type rotor profile which is mainly composed of cycloid arc and circle arc. Main Rotor Cycloid curve 
Straight line modification:
The length of the straight line is
By solving the following equation
Then the coordinates of the intersection point ðm, nÞ can be obtained.
The angle between the radial straight line and the x-axis is
The equation of the straight line is as follows
The envelope line of the straight line modification in male rotor can be expressed as
where R t is tip circle radius, R r is root circle radius, r 1 is pitch circle radius of male rotor and r 2 is pitch circle radius of female rotor.
Transmission ratio
The tip of female rotor and the root of male rotor can also be modified by the round corner modification method. The D-type is a cycloid profile, while the A-type profile consists of three profile elements, namely epicycloid, involute and hypocycloid which makes it more difficult to generate and manufacture compared with the D-type profile.
Area efficiency
The area efficiency is the ratio of the free flow area and the overall cross section area. Large area efficiency leads to large flow passages and large flow rate further down the same diameter and lead. Area efficiency is the main reference index when designing large flow screw pumps.
For twin-screw pumps, the area efficiency can be described as follows (shown as Figure 9 ) Figure 8 . Generation of D-type rotor profile.
By using equation (37), the area efficiency of A-type and D-type rotor profiles can be calculated as: Table 1 shows that the area efficiency of A-type rotor profile is approximately 1.4 times of D-type, which means theoretically the flow rate of A-type is roughly 1.4 times of D-type when all other rotor parameters are same. In order to improve the area efficiency of D-type profile, this kind of rotor profile is usually applied in the designing of three-screw pumps, which has a configuration of one male rotor and two relatively smaller female rotors.
Blowhole
Blow hole is a leakage area formed between the tips of the two rotors and the housing in the vicinity of CUSP line, the line which connects two rotor bores. The size of this leakage area influences overall leakage losses and ultimately the efficiency of the pump. Figure 10 shows the blowhole areas for three different rotor profiles analysed in this paper. The size of the blowhole area is compared in the axial plane along the rotor axes positioned between the two CUSP lines. The A-type rotor profile has the largest blowhole area. The overall shape of the blowhole area of rotors with D1 and D2 rotor profiles is similar because these two differ only in the rotor helix angle. The blowhole of D1 is marginally larger than D2 which is the consequence of the larger lead and helix angle of the former. Considering similar pressure distribution in the pump with A and D rotor types, the leakage through blowhole area of D-type rotor profiles will be smaller than that of the A-type rotor profiles.
Dimensional computational fluid dynamics analysis Mathematical model
Positive displacement screw pumps operate on the basis of changing the size and position of the working domain which consequently causes change in the pressure of the domain which causes transport of the fluid. To calculate performance of a screw pump, quantities such as mass, momentum, energy etc. need to be obtained. Conservation of these quantities can be represented by a general transport equation for a control volume 16 
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In order to account for the deformation of the working domain, the conservation equation (38) In such case, the general conservation equation can be written as
The grid velocity v b and the grid motion are independent of the fluid motion. However, when the grid velocities are calculated explicitly and used to calculate the convective fluxes, the conservation of mass and other conserved quantities may not necessarily be preserved. To ensure full conservation of these equations, the space conservation law given by equation (40) needs to be satisfied.
Space conservation can be regarded as mass conservation with zero fluid velocity. The unsteady term in governing equations involving integration over a control volume , which is now changing with time, needs to be treated consistently with the space conservation of a deforming and/or moving grid.
Governing equations required for the solution form a closely coupled, time-dependent set of partial differential equations (PDEs) and often can be solved by use of a finite volume method (FVM). Figure 11 presents a flow chart of the solution process for a FVM with deforming domains. The highlighted step for resolving the mesh displacement is crucial for ensuring space conservation which requires the grid velocities and changes in CV volumes to be known at each new time-step.
Provided that the numerical mesh used for transient calculation of a screw pump has a structured topology with the constant number of computational cells for any rotor position, the movement of vertices which define the mesh can be used for calculation of wall velocity v b ensuring that the space conservation and the entire solution are fully conservative.
However, if the numerical mesh does not keep the same topology throughout transient calculation, it is much more difficult to fulfil the conservativeness requirements. Demirdzic et al. 17 showed that the error in mass conservation due to non-conformance of space conservation is proportional to the time-step size for constant grid velocities and is not influenced by the gird refinement size. This has been investigated by Rane et al. 18 to test if the user-defined node displacement for structured mesh can be replaced by the so-called key-frame re-meshing which is the most common method normally used for deforming unstructured meshes. It was found that many limitations to key-frame re-meshing exist which make it unsuitable for analysis of screw machines. Namely, it requires a time-consuming pre-processing, has limited applicability to complex meshes and leads to inaccuracies in conservation of calculated variables.
Grid generation is a process of discretising a working domain of the screw pump in control volumes for which a solution of local fluid properties is to be found. It may be numerical, analytical or variational. 19 The results obtained in this research work used grids generated by analytical grid generation. Applying the principles of analytical grid generation through transfinite interpolation with adaptive meshing, the authors have derived a general, fast and reliable algorithm for automatic numerical mapping of arbitrary twin-screw machine geometry built into an in-house grid generation code SCORG. 
Moving grid generation
Three rotor profiles are compared in this paper which are A-type, D1-type and D2-type. These all are with the same rotor diameter of 140 mm and equal interlobe and radial clearance of 0.12 mm. The D1-type rotor is designed to have the same displacement as the A-type at 2100 r/min; D2-type rotor is designed to have the same lead and rotor length as the Atype. The design data is shown in Table 2 .
Numerical grids of the working domains for the three different rotor profiles generated by SCORG are shown in Figures 12 and 13 . A polyhedral mesh of the inlet port and outlet port is generated using STAR-CCMþ grid generator as shown in Figure 14 . The size of the numerical mesh for all three cases is shown in Table 3 . The grid independence for this calculation model has already been investigated in another publication. 21 
Boundary conditions and numerical scheme
The Star-CCMþ pressure-based solver is used for calculation of the screw pump performance. In order to solve the pressure-velocity coupling, the implicit unsteady segregated flow scheme has been applied. The second-order upwind discretisation scheme is applied. The Gauss-Seidel node is used for the relaxation scheme which provides good convergence by iteratively correcting (relaxing) the equations during multigrid cycling.
The main rotor rotates at 2.4 per time-step. The mesh is updated before commencing the solution for each time-step. The time-step is defined as
where DPTS is the degree of rotation per time-step, and RPM is the rotation speed of the male rotor. Large time-steps may cause the solution to diverge. The time-step is inversely proportional to the rotational speed, which means that the mesh needs to be changed for different speeds in order to keep the ratio of time and spatial step constant. However, it is not always essential to keep the ratio constant but it is limited by Courant stability condition, as described by Kovacevic et al., 15 and therefore the mesh was kept constant for all cases while the Courant stability condition was always fulfilled.
The k-epsilon turbulence model was adopted for analysis. Stagnation inlet and pressure outlet are used, respectively, for the inlet and outlet boundaries. The relative pressure in the inlet port is 0 Pa. The initial pressure and initial velocity are set to 0 Pa and 0 m/s, respectively. The turbulence intensity is set to 1% and the turbulence viscosity ratio is 10. The working fluid is CD40 lubricating oil. The density is 889 kg/ m 3 and the dynamic viscosity is 5.25 Â 10 À2 Pa-S. The temperature of oil is 50-70 C.
Results and discussions
The CFD calculation with the A-type rotors has been validated by experiment in the prior publication by the authors 21 in order to confirm the accuracy and applicability of this numerical method for performance prediction of screw pumps. Figure 15 indicates the mass flow rate of A, D1 and D2 profiles under different rotation angle and the same discharge pressure. The mass flow rate of the pump with D2-rotors is lower than the other two cases. Two fluctuation periods during one full rotation of Rotor torque Figure 16 shows the rotor torque of screw pump with A, D1 and D2 profiles under the same discharge pressure. Similarly to the mass flow rate, two fluctuation periods could be observed during one full rotation of the male rotor. A-type profile has higher amplitude of fluctuation of torque than D1 and D2. Figure 16 shows that the male rotor torque is much larger than the female rotor torque. The torque on the female rotor of A-type pump shows low value and low oscillations while the male rotor has a large torque of approximately 190 Nm. The D1-type male rotor has a similar torque value but the female rotor has increased torque value, mainly due to the differences in the centre distance and rotor profile shape. Pressure distribution Figure 17 shows the pressure distribution of A, D1 and D2 pumps.
Mass flow rate
Integral performance Figure 18 (up) shows the mass flow rate of all three pumps as a function of rotational speed at constant discharge pressure 0.85 MPa. Although the overall leakage flow rate of pumps with D1 and D2 rotor profiles is same, their volumetric efficiency is different. D1 has higher volumetric efficiency due to overall larger flow rate than D2, as shown in Figure 19 . This is mainly because of the different rotor lengths but also is affected by the rotor profile and different lead which in case of D1 brings higher volumetric efficiency. The pump with A-type rotors has the highest theoretical flow rate but also the highest leakage rate of all and therefore it has the lowest volumetric efficiency. The D1-type pump has the highest volumetric efficiency. The difference between their volumetric efficiencies becomes smaller with the increase of rotation speed. Figure 18 (down) shows the mass flow rate at different discharge pressure and constant rotation speed of 2100 r/min. The A-type pump has the largest flow rate but also the largest leakage rate of all. The difference increases with the increase of the discharge pressure. Figure 19 (right) shows the volumetric efficiency at different discharge pressure and constant rotation speed of 2100 r/min. The D1-type pump has the highest volumetric efficiency and the difference increases with the increase of discharge pressure.
The shaft power for all three pumps within the range of rotational speeds and constant discharge pressure of 0.85 MPa is shown on the left side of Figure 20 . The shaft power of the D1 pump increases with higher gradient than the shaft power of the A-type pump. The shaft power at 630 r/min is same for both profiles, while at 2100 r/min power of D1-type pump is more than 15% higher although the flow rates are very similar. By comparing A-type and D2-type pumps, it can be observed that A-type pump has approximately 30% larger flow rate than the D2-type pumps and 15-30% higher shaft power depending on the speed. The power difference between the two remains the same while the ratio significantly decreases with the increase in speed. It is worth mentioning that both A and D2 pumps have the same lead and rotor length. The right side image of Figure 20 shows the shaft power as a function of discharge pressure and with constant rotation speed 2100 r/min. The shaft power for A-type and D1-type pumps follows the same trend with the increase of the discharge pressure. The A-type pump has lower absolute value. The shaft power of A-type and D2-type pumps is similar at the low discharge pressure but the difference increases with the increase in the discharge pressure. The shaft power of the A-type pump is larger than that of the D2-type pump. This is an indication of lower volumetric and adiabatic efficiencies of A-type pump. 
Conclusions
A-type -involute-cycloid and D-type -cycloid-based rotor profiles have been generated and analysed in this paper. In order to compare the characteristics of these two different rotor profiles, full 3D CFD simulation of three designed twin-screw pumps has been carried out using structured moving numerical mesh. Pumps A and D1 have similar theoretical displacement while pumps A and D2 have the same length, helix angle and rotor diameters and different theoretical displacements due to much shallower rotor groove of the D2 rotors.
1. The A-type rotor profile has larger area efficiency than D-type but also larger blowhole area than the D-type. 2. For 2-3 type twin-screw pump, when increasing the area efficiency of cross section by introducing involute-cycloid profiles, the depth of the rotor groove will increase, which will bring larger mass flow rate and also leads to larger mass flow pulsation at the same time.
3. Even if the pump is scaled up to achieve the same flow rate, the pulsation in the D2-type pump will decrease compared to the A-type pump and allows more stable operation. 4. Rotor pumps with A-type and D-type rotor profiles of the same length, rotor diameter and helix angle will have different theoretical volume and mass flow. D-type rotors have lower mass flow rate, larger rotor torque and larger power consumption, but at the same time it has an advantage of smaller fluctuation in mass flow rate and pressure and smaller leakage rate. 5. The CFD results indicate that the A-type rotor profile is more suitable for large-volume pumps, while the D-type rotor profile is more suitable for high-pressure pumps.
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